This paper discusses the convective heat transfer enhancement of non-condensing slug flows by using phase separation for local liquid circulations through a porous-tube insert. Numerical simulations were carried out to study the air-water slug flow and heat transfer without phase change (boiling and condensation) in a vertical upward flow. The governing equations of two-phase flow and heat transfer were numerically solved using the Volume of Fluid-Continuum Surface Force (VOF-CSF) method in a two-dimensional axisymmetric computational domain. The rear end (exit) of the porous tube was open to allow discharge of fluid, but two different designs of the frontal end were considered; a porous tube with a closed front that prevents the bubbles from entering the porous tube and keeps the bubbles in the annular gap; a porous tube with an open front allows the bubbles to flow through the porous tube. Simulation results show that a counter flow of the bulk liquid inside and outside the porous tube creates internal liquid circulations in both the axial and radial directions, resulting in an increased liquid velocity near the tube wall, thus an enhanced convective heat transfer. It is also found that there exists an optimum diameter of the porous-tube-insert (or annular gap dimension between the tube wall and porous tube) for convective heat transfer enhancement.
Introduction
Heat transfer enhancement has been always a constant endeavor of scientists and engineers aiming to reduce energy consumptions for maximum efficiency. For liquid-phase flows, the addition of a secondary different phase such as solid particles or gas bubbles has been shown to be very effective in enhancing the convective heat transfer due to the increased flow mixing and boundary layer disturbance of the multi-phase flows.
Hassanipour and Lage [1] used a liquid flow laden with phase-change solid particles in a minichannel for a moderate (20% increase) heat transfer enhancement, as compared to the liquid-only (without particles) flow. The enhancement was attributed to the combination of a flow mixing induced by the solid particles and a phase-change effect. Kiaee and Lage [2] numerically analyzed a liquid flow loaded with a spherical solid particle in a channel to study the role of the particle sweeping the wall boundary layers on the convective heat transfer and reported an increase of 12% in the average Nusselt number. Kiaee et al. [3] , using a numerical simulation showed that the presence of solid particles in a liquid flow led to enhancements by 27% and 10% in the average Nusselt number and average heat flux, respectively. and Burton [4] from an experimental study found that the heat transfer of air-water slug flows in capillaries were twice of that of a liquid-only flow. Oliver and Hoon [5] reported the two and half times heat transfer enhancement for a gas-liquid slug flow in a channel of diameter 6.4 mm compared to that of a liquid-only flow.
Lakehal et al. [6] performed numerical simulations of air-water flow in a miniature tube of diameter 1 mm and showed that the air-water slug flow increases the convection heat transfer by four times more than that of a liquid-only flow. Gupta et al. [7] numerically simulated air-water slug flows in a channel of diameter 0.5 mm and found that the Nusselt numbers of the slug flow were two and a half times higher than those of liquid-only flow for both constant wall heat flux and constant wall temperature conditions.
Mehdizadeh et al. [8] using the VOF method simulated air-water slug flows in a mini-channel of 1.5 mm diameter under a constant wall heat flux and found that the Nusselt number of the slug flow can be 610%
higher than that of single-phase flow. They identified two main reasons contributing to the enhanced heat transfer of the slug flow [9] ; first, the secondary flow recirculation in the liquid slugs to promote the radial heat transfer; second, higher local velocity of the liquid slugs due to the reduced liquid fraction.
It has been shown in literature that, two immiscible liquids enhances the convective heat transfer in two-phase flows. Gat et al. [10] in an experimental study showed that an induced liquid-liquid phase separation can enhance the convective heat transfer up to 130% as compared to that of a single-phase flow.
Xing et al. [11] performed an experimental study in a microchannel and showed that when heated above a critical temperature, the mixture separated into distinct immiscible liquid phases resulting in an enhancement by 250% in the convective heat transfer coefficient as compared to that of a single liquidphase flow. Ullmann [12] conducted an experimental study of laminar flows in a small tube diameter of 2 mm and found that the induced liquid-liquid phase separation can substantially enhance the convective heat transfer up to 150%. The heat transfer enhancement was attributed to the increased fluid mixing and the lateral movement of the separating droplets.
In condensing vapor-liquid flows, the heat transfer inherently degrades toward the condenser outlet where more condensate is accumulated, and thus more condenser surface is covered by a thick condensate layer, resulting in a large thermal resistance. To mitigate this problem, Chen et al. [13] utilized a gas-liquid phase separation using a porous tube to promote a thin-film condensation in the condenser. The phase separation is achieved by capillary force at the liquid-vapor interfaces (aka meniscus) formed in the pores of the porous tube. The porous tube blocks the gas bubbles from entering the porous tube, but allows the liquid to freely flow through the porous tube. Consequently, the confined bubbles in the annular gap between the condenser wall and porous tube, which is elongated along the condenser wall, promotes the thin film condensation in the condenser. Chen et al. [13] observed such a phase separation in an adiabatic (no heat transfer) horizontal air-water flow experiment. Also, Chen et al. [14] from the aforementioned research group using a numerical simulation, investigated the hydrodynamics of an adiabatic, vertical upflow, air-water slug flow with the presence of a porous-tube-insert. The numerical results showed a favorable phase separation and ultra-thin liquid film near the tube wall leading to condensation enhancement. Moreover, secondary liquid circulations in the radial direction were observed over the entire tube length.
In this paper, a convective heat transfer enhancement using non-condensing gas-liquid flows and a capillary-assisted phase separation was numerically investigated. Air-water slug flows in a vertical upward flow arrangement was used to study the hydrodynamics of the slug flows and fundamental mechanisms of the convective heat transfer enhancement by the phase separation using a porous-tube-insert. Two designs of the porous tube were considered: a closed frontal end to prevent bubbles from entering the porous tube;
and an open front end to allow bubbles to enter and flow through the porous tube. A set of parametric simulations was systematically carried out for an optimization of the annular gap dimension (or porous tube diameter) for the maximum heat transfer.
Computational model

Governing equations
The Volume-of-Fluid (VOF) method was used to simulate a transient gas-liquid two-phase flow [15] . In this modeling, each phase is treated as an incompressible immiscible fluid and the phase distribution is determined using phase fraction (α) that is a scalar variable for the phase fraction of one phase in a computational cell. Both fluids are assumed to be Newtonian. No phase change was considered. The governing equations for mass, momentum, and energy conservation are given by
In addition, the phase fraction (α) within a cell and the motion of interface is computed using an additional transport equation:
In the above equations, u denotes the velocity vector, p the pressure, and T the temperature. and is computed using the continuum surface force (CSF) model in the vicinity of the interface (0< α <1) as proposed by Brackbill et al. [16] and is given by
where σ is surface tension and κ is interface curvature defined by
To mitigate the numerical smearing of the interface, an extra artificial compression term is incorporated in the phase fraction equation [third term in Eq. (4)] to sharpen the interface [17] . The compression term includes a compression velocity ur that is available only in the normal direction to the interface. The ur is based on the velocity magnitude in the transition region of the thin interface and is determined with a maximum velocity (umax) and an adjustable coefficient (Kc) defining the extent of the compression and a normal vector of the interface and is given by
where the adjustable coefficient (Kc) can vary between zero and four. In this study, Kc is set to unity as suggested in literature [18] . The VOF model including the additional artificial compression term (VOF-CSF) was validated with standard two-phase benchmark problems in literature [18, 19] .
A common issue in the numerical simulation of two-phase flows is "spurious" or "parasitic" currents that is the generation of non-physical flow at the interface caused by an imbalance between the discrete surface tension force and the pressure gradient term that is originated from the inaccurate calculation of interface curvature [20] [21] [22] . The errors caused by the spurious current are significant in surface-tension-controlling flows (i.e. microfluidic systems) but generally small in inertia-controlling flows [23, 24] . In order to suppress the spurious currents, Lafaurie et al. [20] presented a Laplacian filter to smooth the interface and providing a less steep gradient of phase fraction. The Laplacian filter, which is used in this study, transforms the initially calculated phase fraction ( p  ) into a smoothed one ( p  ) by a linear interpolation of the volume fraction in each cell with the volume fractions of its neighbor cells:
where p and f are cell index and surface index, respectively. αf is linearly-interpolated volume fraction at the center of the cell face, and Sf is cell surface area. The implementation of the Laplacian smoother has been validated with the benchmark problems in previous studies in literature [18, 25] .
The governing equations [Eqs.
(1-4)] were discretized by the finite volume method and numerically solved in OpenFOAM. In order to calculate the pressure-velocity coupling, a PIMPLE algorithm was implemented that combines the Pressure-Implicit Split-Operator (PISO) and the Semi-Implicit Method for Pressure-Linked Equations (SIMPLE) algorithm. The Courant number (C=u∆t/∆x) was set to a limit of 0.5
to help the convergence of the solution, where ∆t is the simulation time step and ∆x is the axial spacing of the grid of the computational model.
Computational domain and boundary conditions
Numerical simulation of the two-phase flow in a tube including a porous-tube-insert is inherently a three-dimensional (3-D) system. However, for a vertical flow, due to the neutral effect of gravity in the radial direction, it is reasonable to approximate the 3-D system to a two-dimensional (2-D) axisymmetric one. Figure 1 (a) shows the simplified 2-D system using ring-shape pores with a pore width of w' and a wire thickness of δ' to provide an equal flow area and capillary pressure as the corresponding 3-D system with square pores having a pore width of w and a wire thickness of δ. The geometric conversion is required to satisfy the criteria of equal flow area and capillary pressure [14] as below,
In the 2-D system, both the pore width and wire thickness are 100 µm, which corresponds to a pore width of 200 µm and a wire thickness of 82.84 µm in an equivalent 3-D system. The height of the wall boundary layer mesh was gradually refined along the radial direction toward the tube wall ranging from 100 µm in the bulk region to 5 µm in the first mesh of the boundary layer on the tube wall [ Fig. 1(d) ]. The refined meshes were also created near the pores where the mesh size is 16.67×16.67
µm and twenty-eight meshes are used within a square pore [ Fig. 1(e) ]. From a mesh dependency analysis using average heat flux, it was found that 429,400 mesh was sufficient to ensure the reasonable accuracy. Table 1 lists the thermophysical properties of the working fluids at 20°C. Table 2 lists the major parameters used for the numerical simulations. The air-water mixture flow was introduced at the tube inlet at a constant temperature (Ti) of 20°C. A uniform velocity (ui) and a homogenous void fraction (αi) was used at the tube inlet, which allows small gas bubbles to grow into slug bubbles, and actual void fraction to be determined during the numerical simulation. The no-slip condition was applied on each pore surface and the tube wall. It is worth mentioning that due to the absence of actual triple-phase (gas-liquid-solid) point, the wall contact angle is not important in this study. The liquid film thicknesses around the gas bubbles were in the range of 20µm ~ 800 µm, where the van der Waal attraction between the liquid and solid phases is negligible for such a thick liquid film [8, 14] . The atmospheric pressure was set at the tube outlet. This study used a constant wall temperature of 10°C, which was 10°C colder than the inlet fluid's temperature, so that the air-water mixture flow is cooled by the tube wall. In order to simulate the complex hydrodynamics of the two-phase flows, a transient simulation with a time step of 10 -5 s was used. Gravitational field was also applied opposite to the flow direction to create an upward flow configuration.
Results and discussion
Five different cases were considered in this study as shown in Fig. 2 . A liquid-only (single-phase) flow was selected as a baseline (Case 1), and a two-phase slug flow in a bare tube was considered as another baseline for two-phase slug flows (Case 2). Three cases using either a porous (Cases 3, 5) or solid (Case 4) insert with the same diameter and length were used to study the hydrodynamic characteristics and heat transfer enhancement mechanisms:
 Case 3: A porous-tube-insert (PTI) with a closed front suspended in a tube is used to create elongated ring-shaped slug bubbles in the annular gap between the PTI and tube wall. with the same conditions was also simulated for comparison. 
where R is the tube radius and r is the radial coordinate. In order to properly account the contributions of the falling film and vortex region, the absolute value of the axial velocity (u) was used for the bulk temperature calculation [27] . It is worthwhile to mention that that the radial velocity is ignored in Eq. (10), because the magnitude of the axial velocity dominates the radial component. Figure 3 (c) shows a higher bulk temperature in the liquid regions than that of the bubble (shared area) as seen in Fig. 3 
where r is the radial coordinate and k is the liquid thermal conductivity. It is seen from Fig. 3(d) that the heat flux in the liquid behind the bubble tail is relatively high due to the strong mixing by the vortex. The heat flux decreases toward the bubble region but is still higher than that of the liquid-only flow.
The local Nusselt number (Nu) shown in Fig. 3 (e) is calculated by
The Nusselt number is higher in the entire region than that of the liquid-only flow (Nu=3.66 for Case 1).
The strong mixing in the vortex region and the thin liquid film in the bubble region increases the local (15) where Lu is the total length of the entire slug unit. The averaged Nusselt number of the slug flow was 9.37 that is 156% higher than that of the equivalent liquid-only flow. The current CFD model was validated for void fraction, bubble velocity, and flow regimes of adiabatic two-phase (gas-liquid) flows in the authors' previous works [28] [29] [30] . For the heat transfer of twophase slug flows in vertical tubes, Dong and Hibiki [31] where Nu2φ and Nu1φ are the two-phase and liquid-phase Nusselt numbers, respectively; µw and µb are the liquid viscosities calculated based on the temperatures of the tube wall and bulk fluid, respectively. ɛ is the void fraction of a two-phase flow and X is the Martinelli parameter and is defined as 0.1 0.5 0.9 1 ,
where x is the gas (vapor) quality; and ṁL and ṁG are the mass flow rates of liquid and gas phases, respectively. In Fig. 8(c) , the cross-sectional axial velocity profiles in the liquid slug for different cases are compared. It is obvious that the velocity profiles of Cases 3 and 5 using a PTI, because of the liquid flow and phase separation, are dramatically different from the typical parabolic profile of a developed flow in a bare tube (Case 1 and 2). The maximum velocities in Cases 3 and 5 with a PTI are now shifted toward the tube wall from the tube center of the bare tube (Case 1 and 2), and the velocity profiles have both positive (forward) and negative (downward) velocity regions unlike Cases 1, 2 and 4.
In Case 4 with a solid insert, although the maximum velocity is increased due to the reduced flow area compared to that of the bare tube, it is much less than those in the PTI cases. This attributes to the existence of significant downward liquid flow in the PTI cases as explained above. Note that the velocities at the porous tube wall are zero because of the no-slip boundary condition. The convective heat transfer is greatly affected to the fluid's velocity gradient on the wall as stated by the Reynolds analogy [32] . Figure 9 shows the comparison of the averaged axial velocities of the liquid slugs between two consecutive bubbles, specifically in the annular gaps for Cases 3-5. The average velocity of the fully developed single phase flow (Case 1) is also shown as the baseline. Note that the negative values indicates a downward flow for Case 5. It is obvious that the liquid velocity for Case 4 with a solid insert is higher than that of Case 2 using a bare tube due to the reduced flow area. Fig. 10(a) . The local liquid film thicknesses along the axial distance (z') [ Fig. 10(a) ] from the bubble tail are shown in Fig. 10(b) . Note that the film thicknesses are shown in a logarithmic scale. It is seen that the confined bubbles in Cases 3 and 4 have longer length and much thinner film thickness than those in the bare tube (Case 2). For Case 5, the bubble is slightly elongated as compared to that in Case 2 and the film thickness equals to the thickness of the annular gap. (19) It is seen that the average film thickness is significantly reduced in Cases 3 and 4 where the film thicknesses are about 1/10 and 1/20 of that of the bare tube, respectively. Note that the average liquid film thickness of Case 5 is much larger than that of Case 2, which provides more liquid flow of high temperature required for the convective heat transfer. The variations of the bulk temperatures in the slug units for all cases are shown in Fig. 12(a) . The bulk temperatures are calculated using Eq. (10) in the fully-developed region (98< z/D <111). In Fig. 12(a) , the big drops of the bulk temperatures in the bubble region are observed for all cases except Case 5. Detailed discussion on the results for Cases 1 and 2 was given in Section 3.1. Figure 12 (b) shows the local wall heat fluxes in the slug units for all cases, which were calculated from Eq. (11) . It is observed that the heat fluxes reach the peak behind the bubble tail for all cases except Case 5, because of the highest liquid velocity near the wall ( Fig. 9 ) and then rapidly drop in the bubble region lined with a thin liquid film, to a lower value than that of the liquid-only flow for Cases 3 and 4. In contrast, in Case 5, the heat flux is the highest near the bubble head where the liquid velocity near the wall is increased and quickly drops into the liquid slug of the low velocity ( Fig. 9 ). It is noteworthy that for the cases using the PTI, small fluctuations of the wall heat fluxes in the liquid slug regions due to the small jet flows through the pores of the PTI (Figs. 6 and 7) . The average heat fluxes and Nusselt numbers over the slug unit for all cases are normalized with Case 1 and compared in Fig. 12(d) . It is clearly shown that Cases 3 and 5 with the PTI stand out for both heat flux and Nusselt number. The average Nusselt number for Cases 3 and 5 are 17.23 and 17.91, respectively, which are about 5 times greater than that of the liquid-only flow (Nu=3.66). Case 4 using a solid insert is the worst insert design (Nu=3.74) with no major gain as compared to the liquid-only flow.
The liquid circulation through the PTI increases the velocity near the wall, which leads to the convective heat transfer enhancement. 
It was found that the overall performances of the porous-tube-inserts (Cases 3 and 5) are much higher than the other cases (Cases 2 and 4). In particular, using the solid-insert (Case 4) led to an excessive pressure drop of about 4.5 times higher than that of the pure liquid flow, resulting in a poor PEC of about 0.2. On the other hand, the maximum PEC of 2.31 was achieved for Case 5.
The annular gap dimension (or porous tube diameter) for Cases 3 and 5 using the PTI is an important design parameter in determining the length of bubble and liquid slug and affecting the heat transfer performance. In the following section, numerical simulations were performed for different annular gap dimensions in a fixed heat transfer tube diameter to find an optimum gap dimension for the maximum overall heat transfer. 
Effect of gap dimension on slug flows and heat transfer
The bubble flow (BFA) in Case 3 is two times of the annular gap (2∆), whereas the BFA in Case 5
is the porous tube diameter (=2r). In Table 3 , the aspect ratio (AR) considered for both Cases 3 and 5 has almost the same ranges of 0.2< AR <0.77. for different aspect ratio (AR) are presented in Fig. 13(c) . The lengths of the liquid slugs and bubble decreases with increasing aspect ratio and approaches to that of the bare tube (Case 2). More elongated bubble (for smaller aspect ratio) creates a stronger liquid circulation in a longer liquid slug. Note that in Case 5e, a small inclined baffle was used at the entrance of the porous tube to guide the bubbles into the porous tube. As discussed earlier in Section 3.2.1, a thinner liquid film is preferred because of a small thermal resistance for the convective heat transfer but provides less thermal capacity. Figure 14 shows the computed average liquid film thickness (δ) around a bubble for different aspect ratios (AR). The film thicknesses were obtained by averaging ten bubbles over an entire length of each bubble as previously discussed in Section 3.2.4. It is seen that in Case 3 as the aspect ratio (AR) increases, the film thickness also increases. The liquid films in Case 3 ranges from 30µm to 95µm. Note that the film thickness in Case 5 decreases, as the diameter of the porous tube increases, and therefore the annular gap decreases, according to the definition of the aspect ratio in Eq. (21) .
The bubble velocity can be used to characterize the flow fields and liquid circulations in a liquid slug unit for convective heat transfer. Larger bubble velocity intensifies the liquid circulation to augment the convective heat transfer. Figure 14 shows the effect of the aspect ratio (AR) on the bubble velocity for different cases. As shown, by increasing AR, the bubble moves slower due to the increased flow area for both cases, and approach to that of the bare tube (Case 2).
Figure 14. Effect of aspect ratio on the average liquid film thickness and bubble velocity
The convective heat transfer enhancement by the bubble-induced liquid circulation using a PTI can be quantified by the averaged Nusselt number. Figure 15 shows the effect of aspect ratio on the average Nusselt number for Cases 3 and 5. The averaged Nusselt numbers were calculated over a fully-developed region (90<z/D<130) using Eq. (13) . It is seen from Fig. 15 that all cases using a PTI have higher average Nusselt number than those of liquid-only flow (Case 1) and two-phase slug flow (Case 2) in a bare tube.
Interestingly, there exists an optimum aspect ratio (AR) for a maximum of the average Nusselt number in both cases. For Case3, the maximum average Nusselt number of 17.6 was achieved with AR=0.57 of Case 3d ( Table 3) . For Case 5, the maximum average Nusselt number of 18.24 was obtained for AR=0.65, of Case 5b. 
